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Turbogenerators in power plants utilize two-lobe journal bearings, which can carry large
loads with good stability at the speeds typically encountered in the power industry. These
bearings feature the profiles such as elliptical, offset, cylindrical or pericycloidal. The design of
these bearings ensures proper load capacity, favorable thermal conditions for the oil film, and
stable operation of the associated turbounits. However, the design of these bearings should be
supported by calculations that account for turbulence generated in the oil film.

This paper presents the results of dynamic characteristic calculations for four types of
two-lobe journal bearings operating under adiabatic laminar or turbulent flow conditions in
the lubricating gap. The dynamic characteristics, expressed as the stiffness and damping co-
efficients of the oil film, were obtained using the perturbation method. Stability ranges for
a simple symmetric rotor were determined for the considered bearings. A numerical algorithm
for the iterative solution of the Reynolds, energy and viscosity equations was employed to
calculate the oil film forces, which formed the basis for the bearing’s dynamic characteristics.
These investigations were carried out assuming the static equilibrium position of the journal.
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1. INTRODUCTION

Journal bearings designers are increasingly encountering situations where
turbulent operation occurs with increasing regularity [1-5]. This is primarily
due to the use of process fluids with low kinematic viscosity as lubricants, as
well as the higher surface speeds of the journals being experienced. Turbulent
lubrication theory is required in the design of oil-lubricated journal and thrust
bearings in large powers generation equipment, water-lubricated journal bear-
ings for boiler feed pumps, and seals in advanced gas turbine engines.

Durable, reliable and robust rotating machines — particularly turbounits —
are characterized by large specific loads and rotational speeds that result in
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high efficiency. This means that journal bearings often become a limiting factor
in their design [4-6]. The rotors of turbounits typically operate in two- and
three-lobe journal bearings, ensuring operation at the assumed temperature,
minimizing power losses, and maintaining good rotor stability. Some designs of
turbo machines also incorporate tilting-pad bearings [7, 8].

Turbulent velocities generate extreme shear gradients at the surface of the
bearing and journal, which is very important in the context of thermo-elasto-
hydrodynamic lubrication (TEHD) [2]. In addition to the increased viscous
shear, the apparent boost in viscosity reduces the flow of lubricant, thereby rais-
ing its temperature levels. At very high journal speeds, thermal effects become
significant. However, these effects alone cannot predict bearing performances,
thus the effect of turbulence has to be considered.

Currently, three turbulent lubrication theories are available to bearings de-
signers [9-11]; these theories enable the investigation of high-speed bearing oper-
ation. In order to calculate the performances of such bearings, the Reynolds and
energy equations have to include the terms that account for the turbulence gene-
rated in the oil film. The applied turbulence model should include transitional
and Taylor vortex flows.

The developed numerical algorithm for calculating journal bearings includes
the turbulence coefficients [3, 12]; this algorithm allows for the calculations of
both static and dynamic characteristics for different types of journal bearings
with arbitrary sleeve profiles. The turbulence coefficients must be computed
numerically [1, 3].

The aim of this paper is to determine the dynamic characteristics of two-
lobe journal bearings operating with either a laminar or turbulent oil film. The
Reynolds, energy and viscosity equations were solved numerically using the fi-
nite differences method, with the application of turbulence correction factors.
It was assumed that there was either an adiabatic laminar or turbulent oil film,
with parallel alignment of the journal and sleeve axes, as well as the static equi-
librium positions for the journal. The dynamic characteristics, specifically the
stiffness and damping coefficients of the oil film, were obtained by the pertur-
bation method. Stability ranges for a simple symmetric rotor operating in the
considered journal bearings were also determined.

2. GEOMETRY, REYNOLDS AND ENERGY EQUATIONS

Typical two-lobe journal bearings can be composed of single circular sec-
tions whose center of curvature are either located at (Fig. la, ¢) or not located
at (Fig. 1b, d) the geometric center of the bearing. The multilobe cylindrical
(Fig. 1a) and pericycloid (Fig. 1c) journal bearings (“wave bearings”) [12] are
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F1G. 1. Multilobe journal bearings with two lobes and different profiles: 2C — cylindrical (a),
2M —classic (b-discontinuous), 2P — pericycloid (c-continuous profile), 20F — offset (d).

characterized by a continuous profile. In contrast, the geometric configuration
of the bearing, shown in Fig. 1b and Fig. 1d, is a whole discontinuous.

Assuming parallel axes of the journal and bearing sleeve, the geometry of
the oil film gap in a multilobe journal bearing (Fig. 2) is described by Eq. (2.1);
the first term of this equation provides the geometry of a multilobe bearing
(2, 3, 12].

(2.1) H(p) = H_i(p) — & cos(¢ — o),

where H = h/(R—r) — dimensionless oil film thickness, k — oil film thickness [m],
R, r —sleeve and journal radii [m], a — attitude angle [°], € — relative eccentricity,
and ¢ — peripheral co-ordinate.

F1G. 2. Geometry of two-lobe journal bearings; Rr1, Rr2 — radii of lobe 1 and 2, respectively,

Oy, O1,2, O; — centers of the sleeve, lobe and journal, Rp — radius of pericycloid, 1, 2, 3 —

lobe numbers, — minimum and maximum oil film thickness at central position of the journal,
respectively.

Multilobe and pericycloid bearings’ geometries are described by Eq. (2.2)
and Eq. (2.3), respectively.

(2.2) Hiri(p) = thsi + (Ysi — 1) - cos(p — %),
where +; is the angle of lobe center point, and v,; is the lobe relative clearance.
(2.3) Hp(p) = X*(1 + cosnyp),

where \* is the pericycloid relative eccentricity, and n, is the multiple of the
pericycloid.
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Figure 3 exemplarily presents the oil film thickness of two-lobe, compatible
bearings [12]: multilobe and pericycloid journal bearings at the central position
of the journal in the sleeve. The relations of pericycloid eccentricity A* and lobe
relative clearance v; are also shown in Fig. 3.
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Fic. 3. Comparison of oil film thickness of two-lobe compatible journal bearings:
multilobe and pericycloid at the center position of the journal in the sleeve [1].

The oil film pressure and temperature-viscosity fields were determined using
the Reynolds, energy and viscosity equations, derived under the assumption of
adiabatic, laminar or turbulent flow of non-compressible Newtonian fluid in the
bearing gap [2, 12]. The Reynolds Eq. (2.4) and the transformed energy Eq. (2.5)
include the correlation factors of turbulence.

(2.4) 0 <H 8p>+ 0 (H ap>:6aH+12aH

0o \nK,0¢ ) 0z \ 7K. 0% D 09’

where H — dimensionless oil film thickness, p — dimensionless pressure, ¢, z —
peripheral and axial coordinates, K., K, — turbulence correlation factors, ¢ = wt
— dimensionless time, 77 — dimensionless oil viscosity, and w — angular velocity.
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where thermal coefficient K; = w o/ (cipgTo1p?), ¢ — specific heat of oil [J/ (kg - K)],
Ty — supplied oil temperature [°C], o — dynamic viscosity of supplied oil [N - s/m?],
p — oil density [kg/m3], and 7. — correlation factor for shearing stresses [12].
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The viscosity 77, which must be determined, and the pressure gradients g—g, %
are on the right side of Eq. (2.5). Therefore, the oil film temperature, viscosity,
pressure p(g,z), and the correlation factor coefficients K,, K, for turbulent

flow must be determined through an iterative process [1, 9].

3. STABILITY OF A SIMPLE SYMMETRIC ROTOR OPERATING
IN TWO-LOBE JOURNAL BEARINGS

The transformation of the equations of motion for the journal and the cen-
ter of the elastic, symmetrically supported rotor yields its real and imaginary
parts [13]. Further considerations allow for obtaining the characteristic equation
of the 6th order (3.1) with respect to A [13].

(3.1) Cﬁ)\G + C5/\5 + 64)\4 + Cg)\3 + 02)\2 +ci A+ ¢y =0.

The assumed solution of Eq. (3.1) is A\j; = —u; + iv; (1 < j < 6), where u
represents damping and v represents the self-vibrations. The stability of the
linear vibrations of system occurs only when all real parts of the eigenvalues \;
are negative. The coefficients ¢y through cg in Eq. (3.1) are the functions of ayg,

bo, Gik, b, (3.2):
(32) Co +~ Cg = f(a07 bOa Gik» bzk)a

where ag — ratio of angular velocity w to the angular self-frequency of stiff
shaft, ag = (w/we)?, we — angular self-frequency of stiff rotor, w, = +/c*/m,
by — ratio of the Sommerfeld number to the relative elasticity of the shaft,
bp = So/cs, ¢* — shaft stiffness [N/m], ¢; — relative elasticity of the shaft, cs =
f/AR = g/(w? - AR), f — static deflection of shaft [m], F — resultant force
of the oil film [N], Fyat — static load of the bearing [N], g — acceleration due
to gravity [m/s?], g;x — dimensionless stiffness coefficients, gix = So[AR/Ftat,
gl — stiffness coefficients [N/m], b;, — dimensionless damping coefficients, b;, =
So[AR/ Ftar|w-bly., bl — damping coefficients [N - s/m], m — mass of the rotor [kg],
and Sy — the Sommerfeld number, So = F - 42 /(L - D -7 - w).

The coefficients of the characteristic frequency equation of 6th order [4] de-
pend on the stiffness g;i, damping b;; coefficients, the Sommerfeld number Sy,
the relative elasticity of the shaft c¢; and the ratio of angular velocity to the
critical angular velocity of the stiff rotor. As a result of these transformations,
the expression determining the ratio of boundary angular speed (2, to the criti-
cal angular speed w,, as well as the stability of the rotor, has the following form
[12-16):

(3.3) <Qb> _ 1 Ay - A
' We _1—|—b0'’3—?A%-FAl'z‘lza'Aszz‘lo'A;%7
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where Ag through A4 are combinations of four stiffness coefficients g;, and four
damping coefficients by [1]:

Ao = g11b22 — g12b21, A1 = g11b22 + g22b11 — g12b21 — g21b12,
Ag = b11baa — bi2boy, Az = b1 + bao, Ay = g11 + g22.

4. RESULTS OF CALCULATIONS

The dynamic characteristics in the form of stiffness and damping coefficients,
as well as the stability regions of a simple symmetric rotor, are presented in
Fig. 4 through Fig. 14. It was assumed that the bearing length-to-diameter ra-
tio is L/ D = 1 with a relative clearances ) = 1.2%o and lobe relative clearances,
s = 1 (for the 2C configuration) and 15 = 3 (for the 2M and 20F configura-
tions), and 9, (for the 2P configuration). The rotational speed of the journal was
4000 rpm, and the supplied oil temperature was Ty = 40°C. The Reynolds num-
bers were: the critical Re.,, = 2600 and Re = 4398 for turbulent flow in the
bearing gap at the assumed rotational speed of the journal in the bearing.
The thermal coefficient was K; = 0.055 for the assumed operating conditions
of the bearing.
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F1G. 4. Relative eccentricity versus the Sommerfeld number for two-lobe journal bearings un-
derlaminar (L) and turbulent (7T) oil film conditions: a) 2M bearing, b) comparison of C and
2C bearings.

Figure 4 shows one of the static characteristics of the bearing: the relative
eccentricity versus the Sommerfeld number for two-lobe journal bearings under
both laminar and turbulent oil film conditions. For all considered bearings, the
load capacity is higher in the turbulent case than in the laminar case. Turbulence
results in an increase in the load capacity at an assumed relative eccentricity of
the journal. For example, at a relative eccentricity € = 0.6 there is an increase
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from Sy = 0.7 to Sp = 1.1 (Fig. 4a). These findings align with results obtained
by HAN [3], who also observed an increase in load capacity; for instance, at
e = 0.6, Sp = 0.5 increased to Sy = 0.6 — for a cylindrical bearing, too. In this
investigation, an increase in Sy for the 2C bearing, specifically, at ¢ = 0.6 was
observed, rising from Sy = 0.7 to Sy = 1.1 (Fig. 4b). Although both authors
considered two different types of bearings, the trends of the curves and the
observed increases are similar (with both the 2C and C showing similar behavior
in the range of Sy up to 2.4).

The stiffness g;; and damping by coefficients of the two-lobe (2C, cylindrical
lobes) journal bearing operating with laminar and turbulent oil film are given in
Fig. 5 and Fig. 6, respectively. It can be observed that stiffness coefficients g11,
912, 921 (Fig. 5) and the damping coefficients b11, bi2, ba1 (Fig. 6) have very close

14
Re=0 Re =4398 L/ID=1.0
Bl e b
w0l ™92 =912 koo
—— 0921 —— 921
8 — 92

1.5 2 25
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F1c. 5. Stiffness coefficients of two-lobe (2C, cylindrical lobes) journal bearing operating
with laminar and turbulent oil films.
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F1a. 6. Damping coefficients of two-lobe (2C, cylindrical lobes) journal bearing operating
with laminar and turbulent oil films.
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values for both types of oil flow in the bearing gap. The stiffness coefficient goo
for both types of flow shows almost the same values up to a Sommerfeld number
So = 0.6, but beyond this value, gos for laminar flow is larger than for turbulent
flow (Fig. 5). The damping coefficient beo for laminar flow is slightly smaller
than bgo for turbulent flow up to a Sommerfeld number Sy ~ 0.6; but, at Sy
increases, the trend reverses (Fig. 6).

The values of stiffness (Fig. 7) and damping (Fig. 8) coefficients for the two-
lobe (2M, multilobe two-lobe) journal bearing vary depending on the type of
oil film (laminar or turbulent). The coefficients g1 and go1 (Fig. 7) have very
similar values, while g1o with negative values for both types of flow, is larger
for laminar flow. The coefficient goo shows larger values for turbulent oil flow
(Fig. 7). The damping coefficients b11, baa, (Fig. 6) are also larger for turbulent oil

1
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F1G. 7. Stiffness coefficients of two-lobe (2M, multilobe lobes) journal bearings operating
with laminar and turbulent oil films.
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F1G. 8. Damping coefficients of two-lobe (2M, multilobe lobes) journal bearings operating
with laminar and turbulent oil films.
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flow. The coupled coeflicients b2 and b1 have very close negative values, but this
coefficients are larger in the case of laminar oil flow in the bearing gap (Fig. 8).

There is a significant difference in the values of load capacity Sy and the be-
havior of all coefficients between the two-lobe cylindrical (2C) and 2M bearings,
with the latter showing a more parallel trend (e.g., Fig. 5 and Fig. 7). Usually,
the bearings with a cylindrical sleeve profile are characterized by higher load
capacity compared to multilobe bearings. However, cylindrical bearings tend to
have lower stability at higher operating speeds and are more susceptible to oil
whirl [2, 12].

Figures 9 and 10 show the stiffness and damping coefficients of the two-lobe
bearing (20F, offset lobes). This type of bearing is commonly applied in high
speed, heavy-duty turbine gearboxes as bearings for the input shaft [12]. They
provide both good load capacity and stability at high operating speed [8, 12].

1
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F1a. 9. Stiffness coefficients of two-lobe (20F, offset lobes) journal bearings operating
with laminar and turbulent oil films.

1
L/ID=1.0
W=12% OF
0.8 ws=3 = \ S
20F |OF e
0.6
bik [-] Laminar Turbulent
, Re=0 Re = 4398
0.4 —eby = by ||
s by, —e by
—a— by —— by
by T by
0.2
PRV .
S E———
(== 2 = = = =
0
0 0.02 0.04 0.06 0.08 0.1 0.12 0.14 0.16 0.18

So[-]

F1G. 10. Damping coefficients of two-lobe (20F, offset lobes) journal bearings operating
with laminar and turbulent oil films.
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The range of load capacity is significantly smaller under laminar flow (where Sy
varies from 0 to 0.039) than under turbulent flow (where Sy varies from 0.01
to 0.13). All stiffness and damping coefficients are larger for the turbulent case
(e.g., Fig. 9, g11 or goo, and Fig. 10, b11, ba2). In terms of stiffness coefficients,
there are larges differences between go1 and goo for laminar and turbulent oil
flows (Fig. 9). The larges difference among the damping coefficients is shown by
the coefficient bag, which ranges from 0.52 to 0.61 for turbulent oil flow and from
0.12 up to 0.19 for laminar oil film (Fig. 10). The coupled coefficients bj2 and
bo1 are equal in both oil flow cases. All stiffness and damping coefficients are
positive (e.g., Fig. 10).

The stiffness and damping coefficients of the two-lobe pericycloid (2P) jour-
nal bearing are shown in Fig. 11 and Fig. 12, respectively. In the case of turbulent
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Fi1G. 11. Stiffness coefficients of two-lobe (2P, multilobe, pericycloid lobes) journal bearing

operating with laminar and turbulent oil films.
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F1G. 12. Damping coefficients of two-lobe (2P, multilobe, pericycloid lobes) journal bearing

operating with laminar and turbulent oil films.
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oil film, all dynamic coefficients exhibit in larger range of the Sommerfeld num-
ber. The range of Sy is from zero up to 0.028 for the laminar case, while Sy for the
turbulent case ranges from zero to 0.058. The coefficient g1; has similar negative
values for both cases of oil flow; however, it is in a smaller range of load capacity
for laminar flow (Fig. 11). Coefficients go1, g22 are larger for the turbulent film,
but gio is larger for the laminar case. Damping coefficients b1 and byy (Fig. 12,
with the largest differences observed for the coefficient byy) are larger for the
turbulent film, while the coupled coefficients b1s and by are negative and larger
for the laminar flow. In both oil flow conditions, the coupled coefficients are
characterized by similar values (e.g., Fig. 12, b1o and be; for turbulent oil film).

Figure 13 shows a comparison of chosen stiffness g11, goo and damping by,
bao coefficients for the two-lobe (2M) journal bearing operating with laminar
and turbulent oil films. The coefficient g1; has, for both flow types, very similar
values up to Sp = 0.069; however, beyond this value, g1; is slightly larger for
turbulent flow. In contrast, goo, b11, boo are all larger in the case of turbulent
flow.
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F1G. 13. Comparison of the stiffness and damping coefficients of the two-lobe (2M, multilobe)
journal bearing operating with laminar and turbulent oil films.

The stability ranges of a simple symmetric rotor operating in different types
of two-lobe journal bearings versus the critical Sommerfeld number are shown
in Fig. 14 (Sp. — the critical Sommerfeld number, Sp. = Sow/w.). The coefficient
tg7 (Fig. 14) is the measure of stability properties of the bearing [2, 4]. Larger
values of the angle 7 indicate a larger stability range, meaning that at the
assumed load, there is a higher boundary number of revolutions Q3 /w. [13].

For the considered two-lobe bearing (2M), the rotor stability and curve be-
havior are similar (Fig. 14). However, the stability ranges are different; in the
case of turbulent flow (Fig. 14b) in bearing gap, the angle 7 is smaller than for
the laminar flow case (Fig. 14a).
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F1G. 14. Stability ranges of a two-lobe journal bearing (2M) versus the critical Sommerfeld

number.

5. FINAL REMARKS

The design of journal bearings for high-speed rotating machines should be
carried out with the use of algorithms that account for the phenomenon of local
transition between laminar and turbulent oil flow in the bearing lubricating
gap. This transaction. which is generated by increased rotational speed, reduced
load, or changes in lubricant viscosity, impacts the dynamic characteristics of
the bearings.

This study presented a theoretical investigation into the dynamic characteris-
tics of selected two-lobe journal bearings working under both laminar and turbu-
lent oil film conditions. The lobes of equal geometry characterize the considered
bearings.

The dynamic characteristics, specifically in the stiffness and damping coeffi-
cients of the oil film of the two-lobe journal bearings with different sleeve profiles,
were computed using a developed numerical algorithm. The results provided in-
put data for the investigation and analysis of bearing stability across various
multilobe journal bearings.

The relationship between journal relative eccentricity and the Sommerfeld
number shows that an increase in relative eccentricity leads to greater load
capacity under turbulent oil film conditions.

Notably, the multilobe journals bearings 2M, 20F and 2P exhibit higher val-
ues for the stiffness g22 and damping boo coefficients under turbulent conditions
than under the laminar case conditions. Conversely, for the 2C bearing, these
coefficients are larger in the laminar oil film conditions.
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Furthermore, an increase in the relative elasticity of the rotor enhances the

rotor stability for both laminar and turbulent oil film conditions.

Overall, it was shown that turbulence has an effect on the static and dynamic

characteristic as well as the stability of rotors operating in the considered journal
bearings. This fact opens new possibilities for investigating the challenges in the
design of high-speed bearings.
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